Introduction
Plate fin-and-tube heat exchangers with oval tubes attract the broad scientific interest due to its large thermal efficiency, significant heat transfer rate between the mediums and compact shape [1] [2] [3] [4] [5] [6] [7] [8] [9] [10] . The heat exchangers of this type are widely used in industrial plants and installations, as air-coolers, convectors for home heating and waste heat recovery for gas turbines. The large thermal efficiency is achieved by using the external fins, fixed at the oval tubes of the heat exchanger [1] [2] [3] . Mostly, fin-and-tube heat exchangers operate in the crossflow arrangements. A liquid (water or oil) flows through the tubular space of the heat exchanger, and gas (air, flue gas) flows across the intertubular space of the heat exchanger. Due to the use of external fins, a heat transfer rate increases when compared with tubes without fins. Moreover, the application of the oval tube shape reduces the pressure drop and improves heat transfer conditions on the gas side when compared to the circular shape [4] [5] [6] [7] [8] [9] [10] [11] [12] [13] [14] 17] . Since plate fin-and-tube heat exchangers operate in a cross-flow arrangement with the complex path of gas flow, hence in order to determine the velocity field and heat transfer characteristics, the numerical methods must be used [15] [16] [18] [19] [20] [21] [22] [23] [24] [25] . For the gas flow, with the use of the commercial CFD codes (ANSYS CFX [31] , FLUENT), it is possible to calculate the local values of heat transfer coefficient. However, it is impossible to incorporate these values into the analytical formulas, which allow determining the overall heat transfer coefficient. These formulas are fundamental when designing cross-flow heat exchangers and use the average not local values of heat transfer coefficient. Therefore in this study authors present different methods for determination of the average heat transfer coefficient for gas flow in a plate fin-and-tube heat exchanger using the CFD simulations. The values of the heat transfer coefficient obtained using the heat transfer formulas for the Nusselt number, determined with the CFD simulations, can be directly implemented in the thermal designing procedure of the cross-flow heat exchangers. The results of the numerical computations will be validated experimentally, using the procedures described in [14, 17, 20] .
The numerical studies of the performance of plate fin-and-tube heat exchangers encounter difficulties in the proper prediction of the total gas side temperature difference. This problem occurs, because of the flow maldistribution of mediums flowing through the heat exchanger and thermal contact resistance between the fin and tube. The thermal contact resistance, which can significantly reduce the thermal performance of heat exchange apparatus, is difficult to determine [15, 19] . It is considerable when the oval tubes are inserted into the holes, which are stamped in metal strips. Then, the tubes are expanded to create the so-called interference fit. Since the gap exists between the fin and tube, the corrosion residuals can cumulate within the gap, leading to the decrease in heat transfer ability. It should be noted, that the direct investigation of thermal contact resistance is difficult to conduct. Therefore, the alternative methods are needed. This study discusses the alternative approach to determining the thermal contact resistance between fin and tube, based on the CFD simulation and experimental data. Moreover, the methods for determining the heat transfer coefficient correlations for the air side are also presented. Figure 1 presents the scheme of a car radiator, for which the heat transfer coefficients will be determined [19] .
Test facility -fin-and-tube heat exchanger with oval tubes
The heat exchanger is used for cooling the spark ignition engine with a cubic capacity equal to 1, 580 cm 3 . Hot water, which flows inside the aluminum tubes of the heat exchanger, is cooled down by the air flowing across the intertubular space.
The two-pass /two-row fin and tube heat exchanger is considered. The following characteristics are given:
• Total number of tubes: 38, including 20 tubes in the first pass and 18 tubes in the second
• The tube length is L t = 0.52 m.
• The radiator width, height, and thickness is equal to 520 mm, 359 mm and 34 mm, respectively • Total number of plate fins (359 mm height, 34 mm width and 0.08 mm thickness) along the tube length is 520
• The fin pitches in the perpendicular and longitudinal directions to the air flow are as follows:
Heat Transfer Studies and Applications 260 The path of the water flow is U-shaped, this means that the water reverses in the intermediate manifold. In the first pass (upper), the hot water with temperature T' w flows from the inlet header (1) thround the two rows of the oval tubes, with the length L t = 0.52 m. Then, in the intermediate header (2) , the mixing of the water streams from the first (4) and second (5) row occurs. The intermediate temperature of the water is equal to T" w . Next, the water reverses and flows into the two rows of the tubes located in the second (lower) pass. Finally, the liquid, cooled down to temperature T''' w flows out of the heat exchanger through the outlet manifold (3). The air with inlet temperature T' a flows in the normal direction to the both rows of the finned tubes. After the first and second row, air temperature is T" a and T''' a , respectively (Fig.  1) . The plate fins (6) are used to enhance the heat transfer from the air side.
For the CFD calculations presented in this paper (section 4), the flow in a narrow passage formed between two consecutive fins is considered.
Experimental methods of determining the air-side heat transfer coefficient in fin-and-tube heat exchanger
The experimental-numerical method for determining the average air-side heat transfer coefficient was described in details in ref. [14, 17] . Moreover, in ref. [17] , the detailed list of measurement points, used in this work, is presented. The experimental-numerical method involves the performance tests of a car radiator ( Fig. 1 ) and allows to obtain the formulas for the Nusselt number for the air and water flows. During the measurements the inlet and outlet air temperatures (T' a and T''' a ), the inlet and outlet water temperatures (T' w and T'" w ), the volumetric mass flow rate of water V w , and the inlet velocity of the air w 0 , are determined. The following change ranges of T' a , T''' a , V w , T' w , T'" w and w 0 were examined:
• T' a = 12. 
where n is the number of datasets. This study employs the mathematical model of the heat exchanger developed in [11] to calculate the water outlet temperature T w, i
as a function of the ) is calculated at each search step. Next, a specific form is adopted for the formula on the air-side Colburn factor j a =j a (Re a ), with m = 2 unknown coefficients. The least squares method allows to determine the coefficients x 1 , x 2 under the condition:
where: Re . =
The unknown coefficients x 1 and x 2 are determined by the Levenberg-Marquardt method [35] , using the 
where A min is
The equivalent diameter for the air flow passage d h is [17, [18] [19] :
where the fin surface of a single passage A f is:
the tube external surface between two fins A e is:
( )
For the given parameters of the air-flow passage, the equivalent hydraulic diameter is is used to evaluate the thermal properties.
Air-side heat transfer correlations found in this chapter will be compared with the correlations of Kröger [37, 38] .
The air-flow Nusselt number correlations, determined via the measurements, are listed in Table 1 [19, 20] . These correlations are paired with the water-flow heat transfer formulas, given in the literature [39] [40] [41] . The correlations presented in Table 1 were employed to determine the outlet temperature of water T w, i
using the heat exchanger model [11] . 
The mean water velocity in a single tube -w w is calculated using the total volumetric flow rate V w as follows:
where n tp is the number of tubes in a single pass of the heat exchanger and A w, in is the crosssectional area of the flow related to one tube.
The water-flow equivalent hydraulic diameter d t is calculated as
where P i denotes the oval perimeter (refered to inner tube wall). In this study, the water side hydraulic diameter d t is 0.00706 m.
Determining of the air-side heat transfer coefficient using CFD simulations
The CFD simulations [32] were performed to model the heat and fluid flow processes in the air-flow passage, shown in Fig. 2 . As a result, the air temperature and velocity are determined. Moreover, with the application of a conjugate heat transfer treatment, the wall temperature of fin and tube are calculated. A similar modeling approach for the gas flow in fin-and-tube heat exchangers was used in papers [15, [18] [19] [20] . The approach allows to simplify the computational domain and reduce the computational costs. In this study, the CFD software ANSYS CFXrelease 13.0 [31] was used. The phenomenon of air flow across the passage is complex e.g. flow is turbulent at the heat exchanger inlet and laminar between the fins. Hence, the SST turbulence model with Gamma-theta transitional turbulence formulation [33, 34] is used in computations.
The model allows to study at the same time both the laminar and turbulent flows.
The element based finite volume method is used to discretize the differential governing equations. The coupled solver is used for the momentum and continuity equations. The RhieChow interpolation scheme with the co-located grid is applied for pressure. The so-called "high resolution" scheme is used to discretize the convective terms [31] .
Fig . 3 shows the discrete model and the applied boundary conditions. The model consists of three heat transfer domains: air (1), fin (2), and tube (3). The inlet boundary condition, where the values of air velocity w 0 and temperature T' a are prescribed, is denoted as (I). At the outlet boundary (II) the pressure level was held constant at 1 bar. At the inner tube surface (III) the convective boundary condition is applied to model the heat transfer from the water to the tube wall. The water-side heat transfer coefficient h in was determined from the experimental correlation for Nu w given in Table 1 . The bulk temperature of the water T w flowing through the tube is calculated as the arithmetic average of the measured temperatures: T ' w and T ''' w .
The thermal resistance between between external tube surface and fin R tc was set at location (IV). The symmetry boundary condition is applied at the location of (V) in Fig. 3 . The temperature variations for the air and tube are shown in Fig. 4a . The air temperature is determined at the middle plane between fins. Figure 4b shows fin surface temperature while Figure 4c plots the air velocity distribution. The considerable increase of air temperature can be observed in the first tube row. The increase is larger compared to the second tube row (Fig.  4a) . Also, the temperature difference between the fin surface and air is larger in the first row than in the second. Fig 4a and 4b reveals that the temperature difference between the fin surface and fluid is large in the entrance region, what in turn increases the heat flow rate. The efficient heat transfer at the inlet section is the main reason of the significant heat flow rate transferred from water to air in the first row of tubes.
In the existence of the low velocity region between the tubes along the symmetry plane, where the wake behind the upstream tube is bounded by the stagnation on the downstream one ( Fig.  4c) , the fin temperature (Fig. 4b ) in the second tube row is high. Due to the recirculation zones the air entrapped in the vortices is heated almost up to the fin temperature (Fig. 4a) . In this region the heat flow rate is close to zero, since the temperature difference between the fin surface and recirculating air is close to zero [19] .
The presence of two dead-air zones near the tubes located in the second row decrease the heat flow rate from the second tube row to air. The average heat flux q at the outer tube surface on the length of one pitch s between two y coordinates: ȳ n and ȳ n+1 (Fig. 5) can be calculated as [19] : The variation of outer surface heat flux with the direction of air flow, is presented in form of dimensionless coordinate ξ,
The symbol ȳ denotes a distance in the vertical direction between the horizontal plane passing through the oval gravity center '0' and the point located at the outer surface of the tube wall.
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Figure 6 [19] shows the variation of the heat flux q with the dimensionless major radius ξ of the oval tube for the first and second tube rows. In subsections, 4.1 and 4.2 two methods of determining the air-side heat transfer coefficient are presented. The first considers the application of the analytical model of fin-and-tube heat exchanger while the second allows determining the air-side heat transfer coefficient directly from CFD simulations.
Determination of the gas-side heat transfer coefficient using the analytical model of finand-tube heat exchanger and CFD simulation results
The CFD calculations allow to determine the temperature and heat flux distributions in heat transfer domains. It should be noted that the local and average heat transfer coefficients are difficult to determine due to the unclear definition of fluid bulk temperature. From the definition the local heat transfer coefficient is calculated as a ratio of the local heat flux and difference between the fin surface temperature and air temperature (averaged in the reffered flow cross-section). In the case that the average temperature of the air is calculated as the arithmetic mean of the inlet and outlet temperature, the fin surface temperature at the inlet section of a channel formed by the fins is lower than the air mean temperature and then the calculated local heat transfer coefficient can be negative. This is due to a large change in air temperature with the flow direction. Another possibility of determining the average heat transfer coefficient is to calculate first the local distribution of the heat transfer coefficient and then its average value. Nevertheless, this method encounters difficulties in evaluating the local mass-averaged temperature of the air (air bulk temperature) due to the different directions of air flow in the duct between the fins (in vicinity of flow stagnation zones).
A method for determining heat transfer coefficient [18] , presented in this study, aims to avoid defining the bulk temperature of air, local or average for the entire flow passage. The method is appropriate for determining the average heat transfer coefficient using the analytical solution for the temperature distribution of air flowing through the two row fin-and-tube heat exchanger. The method is compatible with experimental predictions of heat transfer correlations.
The mean heat transfer coefficient on the air side is determined from the condition that the air temperature increase over two rows of tubes, is the same for the analytical method and for the CFD calculations (Fig. 7a) [19] . To compare the air temperature difference in the heat exchanger, the inlet and outlet air temperatures obtained from the CFD simmulations should be mass weighted over the inlet and outlet cross-sections. From the comparison of the difference of the air mass averaged temperatures between the inlet and outlet cross-sections with analytical temperature difference, the average heat transfer coefficient on the air side is computed. The analytical model assumes that the air side heat transfer coefficient is constant. Fig. 7b depicts the positions of evaluation planes used in the CFD simulations to determine the mass-weighted air temperatures.
The average heat transfer coefficient h a on the tube and fin surface is determined from the condition that the total mass average air temperature difference ΔT to,CFD computed using ANSYS CFX program is equal to the air temperature difference ∆T to (R tc , h a ) calculated from an analytical model ( )
The total air temperature difference ∆T to is
where
' a is the air temperature increase over the first and second tube row, respectively (Fig. 7a) .
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The average heat transfer coefficient h a over two rows of tubes is calculated by solving equation (16) . This study assumes the same water temperature T w in the first and the second tube. This small temperature difference has insignificant influence on the average heat transfer coefficient h a . Furthermore, the water temperatures are assumed as constant along the tube length. Under these assumptions, the following differential equations with appropriate boundary conditions describe the air temperature [19] ( ) ( )
Solving the initial-boundary problems (18) (19) and ( 
The symbols ṁ a and A denote the air mass flow rate and the outer surface area of the bare tube, respectively. The overall heat transfer coefficient referred to surface area A o can be expressed as [15, [19] [20] [21] [22] :
with: A in -area of the inner tube surface, δ t -the thickness of tube wall, k t -the thermal conductivity of the tube, h in -the water side heat transfer coefficient. The equivalent air-side heat transfer coefficient h a referred to the tube outer surface area A o is defined as:
where [19] ( 
c R c h c R c h c R h R h c R c h c R c h c R h
The unknown coefficients in the function (26) were estimated by the Levenberg -Marquardt method using a commercial software Table Curve 3d version 4.0 [36] . The coefficients appearing in the function η f (R tc , h a ) are shown in Table 2 [19].
The differences of air temperature over the first and second tube row can be calculated as follows 
Assuming that the heat transfer coefficients in the first and second tube row are equal, i.e. . Hence, the total temperature difference ΔT to over two rows can be defined as
The temperature difference ΔT to given by expression (29) 
Determination of the gas-side heat transfer coefficient directly from CFD simulations of fin-and-tube heat exchanger
The method of determining the average heat transfer coefficient directly from CFD simulation was presented in [20] . The average heat transfer coefficients can be calculated, based on the following relationship:
where the heat transfer rate, referenced to a single pitch, is:
where ṁ denotes the mass flow rate of the air, i 0, outlet and i 0, inlet are the air static enthalpy calculated at the outlet and inlet of the flow passage, respectively. The total heat transfer area is calculated as:
the area averaged wall temperature is defined as: 
Correlations for air-side heat transfer coefficient will be determined using both methods presented in this chapter. If the air temperature increase (T a
) is small then both procedures described in the sections 4.1 and 4.2 give the same results. Table 3 lists the flow and heat transfer parameters studied during the performed computational cases [20] . Moreover the values of the computed outlet air temperature T''' a are given in Table 3 . Table 3 . The list of the computational cases used in the CFD simulations and the values of inlet air velocity w 0 , inlet air temperature T' a , the average heat transfer coefficient for water flow h in , average temperature of water T w and outlet
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temperature of the air T''' a
The determined values of the average heat transfer coefficients h avg .CFD are listed in Table 4 [20].
The computations were carried out for the mean water temperatures: T w = 30 ºC and T w = 65 ºC, respectively, to demonstrate that the influence of the tube wall temperature on the determined air side heat transfer coefficients is insignificant. The maximum relative difference between the heat transfer coefficients for T w = 30 ºC and T w = 65 ºC does not exceed 2.9 %.
These discrepancies are due to different temperature in the boundary layer, which in turn affects the value of thermal conductivity and kinematic viscosity of air, although the air side Prandtl number is 0.7 in both cases. A similar effect of wall temperature on the value of heat transfer coefficient on the air side can be expected in experimental studies [20] . Table 4 . The values of the heat transfer rate Q referenced to a single pitch, the area averaged wall temperature T wall , the bulk temperature of the air T ∞ and the average heat transfer coefficient h avg ,CFD for the air flow, obtained for the computational cases listed in Table 1 The values of h avg ,CFD obtained when T w = 30 ºC and T w = 65 ºC do not differ significantly for the same air velocity. Table 5 The air-flow Nusselt number correlations obtained from CFD simulations are compared with the experimental correlations listed in Table 1 . Fig. 8 reveals that the correlations for the airflow Nusselt number, determined via the CFD simulations, predicts slightly lower values than the one obtained via the measurements. The maximum percentage differences can be observed for Re a = 150, where the values of the Nusselt number, obtained using the CFD simulations are from 10.1 % to 13.7% lower than those obtained from the measurements. For the largest value of Re a (Re a = 400) these differences are smaller: from 0.5 % to 8.4 % [20] . The values of the Prandtl numbers for the air and water: Pr a = 0.7 and Pr w = 2.75 are typical for air temperatures T a from 10 ºC to 40 ºC and for water temperature T w = 65 ºC. Fig. 8 and Fig.   9 reveal that the experimental correlation 1 (see Table 1 During the CFD simulations the idealistic heat transfer conditions were assumed: the constant inlet velocity and the perfect contact between the fin and the outer surface of tube wall. In a real fin-and-tube heat exchanger the maldistribution of air flow as well as the thermal contact resistance between the fin and tube [18, 19] can significantly influence the heat and momentum transfer. Furthermore, the maldistributions of water flow to the tubes of heat exchanger exists for these devices [21] [22] [23] .The circumstances, mentioned above, explain why the Nusselt number correlations obtained using CFD simulation differ slightly from the experimental correlations. The analytical-numerical approach for calculating the average thermal contact resistance for a studied fin-and-tube heat exchanger is presented in section 6.
The correlation on gas-side heat transfer coefficient obtained using fin-and-tube heat exchanger model and CFD simulations
Application of the proposed method is illustrated by the following data set [19] : The temperatures T' a , T w , and the heat transfer coefficient h in were held constant, while the inlet air velocity w 0 was varied from w 0 = 1 m/s to w 0 = 2.5 m/s (Table 6 ). First, the CFD simulations were performed without including thermal contact resistance (R tc = 0). Table 6 [19] lists the air temperature differences obtained from the CFD simulations, for the first and second tube rows (ΔT I ,CFD and ΔT II ,CFD ) as well as the total air temperature difference ΔT to,CFD . The secant method was employed to solve the nonlinear algebraic equation (16) for the air-side heat transfer coefficient h a, CFD . The values of h a, CFD and heat transfer coefficients h a, me obtained based on the experimental data (correlation 4 in Table 1 ), are shown in Table 7 [19] . Table 7 . Air-side heat transfer coefficient for entire heat exchanger obtained from CFD simulation: h a , CFD and experimental correlation h a , me (correlation 4 in Table 1 ) for different air inlet velocities w 0 .
The air-side Reynolds and Prandtl numbers (Re a and Pr a ) were calculated as presented in section 3 for the experimental method. For the determined heat transfer coefficients h a , CFD the heat transfer correlations are derived as follows. First, the Colburn factor j a is approximated using the power law function [20] 
where the Colburn factor j a is defined as [19, 20] a a a a j 1/ 3 Nu / (Re Pr ) =
Based on the heat transfer coefficients h a, CFD obtained from the solution of Equation (16) is the Nusselt number for ith data set CFD. The unknown coefficients x 1 and x 2 in the function (35) were determined using the least squares method. The coefficients x 1 and x 2 were selected to minimize the following sum of squares:
The symbol n is the number of data sets shown in Table 7 .
The coefficients x 1 and x 2 obtained using the least squares method for the data sets listed in Table 5 are: x 1 = 0.188 and x 2 = -0.382. To find the optimum values of x 1 and x 2 the LevenbergMarquardt method was used [35] . The MATLAB R2012 curve fitting toolbox [42] was used for this purpose. 
Nu
Re Pr
The following formula for the air-side heat transfer coefficient was obtained after substituting the estimated coefficients x 1 and x 2 into the correlation (38) 
obtained by Kröger [38] is similar to the correlation (39).
The thermal contact resistance exists between the tube and fin for some methods of attaching the fins on the tubes. It reduces the heat transfer rate between the fluids in the heat exchanger.
The correlation (39) leads to over-prediction of the heat transfer rate from the hot to the cold fluid, when the contact resistance occurs. The thermal contact resistance between the tube and the fin base will be determined by using the correlation (39) and the experimental results.
Estimation of the thermal contact resistance between the tube outer surface and fin base usingCFD simulations and experimental data
The correlation for the air-side Nusselt number was derived based on: the experimental data and the CFD simulation. The values of the heat transfer coefficients obtained from the CFD simulation h a, CFD and from the experiment h a, me differ from each other (compare Table1 and Table 7 ). The method based on the CFD simulation gives larger values of h a in comparison to the experimental-numerical method ( Table 7) . The reason for this discrepancy is the thermal contact resistance between the fin and tube in the tested car radiator.
The air temperature increase across two tube rows ΔT to,CFD calculated using the heat transfer coefficient h a, CFD obtained from the CFD based method, is greater than the calculated temperature rise ΔT to,me obtained with the heat transfer coefficient h a, me . The temperature differences ΔT to,CFD and ΔT to,me can be equal if a thermal contact resistance is included in the CFD simulations.
The air temperature difference ΔT to,CFD through the entire heat exchanger depends on the thermal contact resistance R tc and air-side heat transfer coefficient h a . To determine the thermal contact resistance R tc , the nonlinear algebraic equation
was solved, for the given values of h a, CFD , listed in Table 7 . The value of the thermal contact resistance R tc was so adjusted that Eq. (41) is satisfied. Equation (41) was solved using the Secant method. Note that the predicted value of total air temperature difference ΔT to, CFD determined from Eq. (29) depends on fin-efficiency η f , which in turns depends on R tc . Heat transfer coefficient h a, CFD is a function of air velocity w 0 and is independent of the thermal contact resistance R tc . The heat transfer coefficient h a, CFD was calculated using the correlation (39). Table 8 . Thermal contact resistance R tc determined using experimental data sets and the heat transfer coefficient h a, CFD obtained from the CFD simulations
The mean value of thermal contact resistance, obtained for data set given in Table 8 , is R tc = 3. 16 10 -5 (m 2 K)/W. To calculate the total air temperature differences ΔT to, CFD the R tc was included in the CFD model of heat exchanger. Figure 11 presents the results of CFD simulations for computational cases listed in Table 8 .
Equation (14) was used to determine the heat flux q variations at the outer surface of tube wall with dimensionless coordinate ξ. Fig. 12 presents the results for the first tube row and Fig 13 for the second tube row [19] . Additionally, the computed values of heat flux q for the thermal contact resistance R tc = 0 (m (Fig. 13 ) is smaller than in the first row of tubes (Fig. 12) . The overall heat transfer rate decreases significantly if the thermal contact resistance exists because the largest amount of heat is transferred across the first row of tubes. Figure 11 . The results of CFD simulation for data sets I -IV listed in Table 8 : a) temperature distribution in the air domain at the middle of flow passage, b) fin surface temperature, c) air velocity distribution at the middle of flow passage [19] . Figure 12 . The distribution of heat flux q on the outer surface of tube wall for the first tube row, for computational cases I -IV listed in Table 8 . Figure 13 . The distribution of heat flux q on the outer surface of tube wall for the second tube row, for computational cases I -IV listed in Table 8 .
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The largest value of this difference was obtainedfor the case I -|ε a | = 3.98 % ( Table 9 ). For the other computational test cases, the value of |ε a | is less than 3 %. The performed calculations demonstrate the effectiveness of the method developed. The estimated contact resistance can be used in the calculation of equivalent heat transfer coefficient using (Eq. (25)) and in the analytical calculations of the heat transfer rate in the heat exchanger:
where the symbol F denotes the correction factor based on the logarithmic mean temperature difference ∆T lm for a counter-current flow arrangement.
The method proposed for determining the air side heat transfer correlations based on the CFD computations, can easily account for the thermal contact resistance between the tube outer surface and fin bases. The method can also be used for heat exchangers with various tube shapes and other types of the fin to tube attachment as well as for different tube arrangements.
Conclusions
The experimental and CFD based methods for determining the air-side heat transfer coefficient, for fin-and-tube heat exchanger, are presented in this study. Two types of CFD based methods were described. The first one allows determining the air-side heat transfer coefficient directly from CFD simulations while the second employs the analytical model of fin-and-tube heat exchanger to determine the air-side heat transfer coefficient. The results obtained using these two methods were compared with the experimental data.
Moreover, the method for determination of the thermal contact resistance between the fin and tube was presented. The CFD simulations are appropriate for predicting heat transfer correlations for the plate fin and tube heat exchanger with tubes of various shapes and flow arrangements. Using the experimental data and CFD simulations, the thermal contact resistance between the fin base and tube was estimated. The fin efficiency appearing in the formula for the equivalent air side heat transfer coefficient is a function of the air side heat transfer coefficient and the thermal contact resistance. The air-side heat transfer correlations are determined based on the CFD simulations. The heat transfer coefficients predicted from the CFD simulations were larger than those obtained experimentally, because in the CFD modeling the thermal contact resistance between the fin and tube was neglected. A new procedure for estimating the thermal contact resistance was developed to improve the accuracy of the heat exchanger calculation. When the value of mean thermal contact resistance, determined by the proposed method, is included in the CFD model, then the computed air temperature distributions show better agreement with measurements.
The computations presented in this study allows to draw the following conclusions. CFD modeling is an effective tool for flow and thermal design of plate fin-and-tube heat exchangers. and is an effective tool for finding heat transfer correlations in the newly designed heat exchangers. However, to obtain good agreement between the CFD modeling and experimental data, it is necessary to adjust some parameters of the CFD model using the experimental results.
An example of such a parameter may be thermal contact resistance between the tube and the fin base. 
